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Analytic models for predicting the thermal-hydraulic characteristics for transverse flow
through an offset strip fin array are developed. These models are developed by
combining the creeping or low flow asymptotic behaviour with laminar and turbulent
boundary layer wake models. Expressions for each of these characteristic regions are
developed using fundamental solutions of fluid dynamics and heat transfer. The
proposed models are compared with new experimental data for ten offset strip fin
configurations. Model predictions are within = 20 percent for 92 percent of friction
factor data and 71 percent for Colburn j factor data.
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Modelling

INTRODUCTION

Many automotive oil coolers use compact ex-
tended surfaces often referred to as “turbulator”
strips, as a means of heat transfer enhancement. A
turbulator strip is essentially an offset strip fin
oriented normal to the flow rather than parallel to
the flow. These devices provide enhancement by
means of increased surface area along with larger
heat transfer coefficients due to the complex flow
field. In many applications the designer must
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optimize heat transfer for a given pumping power,
mass flow rate or pressure drop. Optimization of a
new design incorporating these devices is best
achieved with analytic or empirical models. Un-
fortunately, due the proprietary nature of these
devices, details of thermal and hydraulic perfor-
mance are not published, Webb (1994). As a result
of the lack of published data, no models or data
are readily available in the open literature.

In applications involving turbulator strips, the
only available design data are the numerical
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studies of Patankar et al. (1977) and Sridhar
(1995). Patankar et al. (1977) used numerical
methods to predict heat transfer and pressure
drop for transverse flow through an array of
interrupted plates. However, this configuration
assumed a large channel height such that three
dimensional effects were not present. These results
are valid over a moderate range of Reynolds
numbers, however, they are only valid for flows
which are two dimensional. In most practical
applications, the flow is three dimensional and the
effect of the channel walls is to reduce the overall
enhancement.

This paper develops an analytic model and
presents experimental data for a number of
turbulator strip configurations. This new data is
used in conjunction with the analytical model
development. Simple analytic models have been
developed for the laminar wake and turbulent
wake regions which accurately predict the Fanning
friction factor, f, and the Colburn j factor for the
turbulator strip. The asymptotic models are then
combined using the Churchill and Usagi (1972)
correlation method to provide a model which is
valid over the entire range of Reynolds number. A
comparison of the new model with experimental
data shows agreement within +/—20 percent for
92 percent of the f data and 71 percent of the j
data.

REVIEW OF PUBLISHED MODELS

In many of the reviews on enhanced heat transfer
(Bergles, 1985; Webb, 1987, Webb, 1994; Kalinin
and Dreitser, 1998) an abundance of data is
available for many common enhancements such
as rib turbulators, internally finned tubes and
channels, louvered fins, and offset strip fins. Many
automotive heat exchangers employ turbulator
strips and other enhanced heat transfer technology
as a means of enhancing heat transfer. However,
as discussed by Webb (1994) most of the enhanced
heat transfer surfaces employed by the automotive
industry are considered proprietary technology,

and details of the heat transfer and fluid friction
characteristics are not published.

Patankar et al. (1977) used numerical methods
to solve the two dimensional transverse flow
through an array of staggered plates. However,
this configuration assumed a large channel height
such that three dimensional effects were not
present. The data of Patankar et al. (1977) for a
configuration having fins of width and spacing
equal to Ly in both parallel and transverse
directions have been digitized and correlated by
the following expressions:

f=231(Re,)*! (1)

for the friction factor, and

Jr = 0.294(Re,) ™" )
and

Jr = 2.814(Re,) "> 3)
and

Ja = 1.246(Re,) 4% (4)

for the Colburn j factor, where the subscripts F, R,
and A represent the front, rear and average values
for the obstruction, respectively, and Rey, =
wLs/v. The Reynolds number range is limited to
200 < Re < 2000. Since these results are based
upon a two dimensional system, the effect of the
channel height H, would be to reduce the over-
all enhancement. Thus, based upon the work of
Patankar et al. (1977), Eq. (4) is the theoretical
maximum value for the Colburn j factor for
transverse flow through the array. Comparison
of Eq. (4) with the solution for parallel flow past a
flat plate shows that a twofold increase in the heat
transfer coefficient is possible for transverse flow.
Finally, the friction factor is approximately in-
dependent of the Reynolds number, indicating
that almost all of the pressure drop is due to
form drag.
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MODEL DEVELOPMENT

In this section the details of the model develop-
ment for the turbulator strip geometries are
discussed. A typical turbulator strip geometry
is shown in Figure 1. The turbulator may be
characterized by the fin width W or alternatively
fin length L, for parallel flow, the channel height
H, the wavelength ), the fin thickness ¢, and fin
angle 6. If the turbulator strip profile is sinusoidal
rather than square or trapezoidal, then the fin
angle is not constant. However, it may be
nominally defined as:

6 = tan "' (2H/)) (5)

The models developed in this section will be
compared with experimental data for ten turbu-
lator geometries provided in Muzychka (1999).
The following assumptions are made in the model
development: ideal surfaces i.e., no burrs or
scarfed edges, uniform surface dimensions
throughout the array, large separation/recircula-
tion zone in the rear of each fin, negligible edge
contributions, perfect contact at channel walls,
and isothermal surfaces. In general, the presence
of burrs will have some effect on the thermal-
hydraulic characteristics, however, the devices
considered later in this work were free of
significant burring.

Models will be developed for creeping or low
flow, laminar boundary layer flow, and turbulent
boundary layer flow regions. The laminar and
turbulent flow asymptotes will then be combined
with the creeping flow asymptote using the

€|

i

Churchill and Usagi (1972) asymptotic correlation
method in the form:

£ = [{U)" + G4 Gey] " (6)

and

i =[G + (G + Gl 1)

where m, n, p, and g are correlation parameters
to be chosen based upon comparisons with the
experimental data. Eqgs. (6) and (7) provide models
which are valid for all Reynolds numbers.

The laminar and turbulent flow region models
will be developed by considering force and energy
balances on a simple control volume. A friction
factor model for the turbulator geometry shown in
Figure 1 may be developed by performing a simple
force balance on a basic element or repeating cell
which is shown below in Figure 2.

Using a basic cell of dimensions 2W x A/2 x H,
a force balance gives:

T — Twalls <Awalls)
(1/2)p%  (1/2)p%* \ Awer
T fins Afins Adrag)
s (Zfns) o (Cdreg
1/ Z)PWZ (Awet> P (Awet

Afront)
+ Kopr | 25022
eff ( Awet

(8)

where Avais =2WA, Afin= Awet— Awaltss Afront=
2WH, Aaag=WH is the characteristic area
that the drag coefficient is based upon, and

FIGURE 1 Turbulator geometry.
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FIGURE 2 Basic cell of turbulator strip.
Awet=Q2AW)F,, is the total wetted surface area,
and F,, is the area scale factor. The above expres-

sion may be written in terms of the friction co-
efficients for the fin surface and the channel walls:

Awalls) <Aﬁns)

= fu o) R

S = Fwals ( Avet Sins Aver
G (Adrag) + Ky (2 1:front) )

Awet wet

Since the drag and expansion/contraction coeffi-
cients are related to the fin surface they may be
combined with the fin skin friction term in the
following manner:

A
+ [fﬁns + CD (‘ﬂ)

Afms
Afront)] (Aﬁns)
+Kegr | 2—— 10
o ( Aﬁns Awet ( )
The above expression represents an overall force
balance on an element of the turbulator geometry.

Now using the characteristic dimensions of the
control volume, Eq. (10) may be written as:

S = fwans (FLW)

Adra Afron
+[fﬁns+CD( d g)+Keff(AfOt):|Ff (11)

Aﬁns fins

where F,, = Ayet/ Awans and F, = Afins/ Awer-

Equation (11) is valid for both laminar and
turbulent flow behavior. However, in the laminar
region the Cp and K.4 terms are ignored as they
only become significant at larger flow rates.

A similar procedure is used to obtain a model
for the Colburn j factor as used for the
Fanning friction factor. Performing an energy
balance on the same basic cell results in the
following expression for the average heat transfer
coefficient:

ZAwet = Zwalls Agals + Zﬁns Afins (12)

Equation (12) may be written in terms of
the Colburn j factor and the area enhancement
factor F,:

J zjwall((l/Fw)) +jﬁnst (13)

Equation (13) is valid for both laminar and
turbulent flow behavior. Expressions will be
developed for the Fanning friction factor and the
Colburn j factor on the channel walls and fin
surfaces using fundamental solutions from the
heat transfer and fluid dynamics literature.

Creeping Flow Region

Creeping flow characteristics appear in the low
Reynolds number region of the turbulator geome-
tries. These geometries are similar to consolidated
media consisting of randomly shaped particles or
packed columns typically found in the chemical
process industries. The turbulator strip forms a
continuous matrix surface which results in a
complex flow field, refer to Figure 3. All of the
experimental data for the various turbulators
examined in Muzychka (1999) appear to have a
low Reynolds number asymptote which is inver-
sely proportional to the Reynolds number, f, jo
1/Re. This behavior is characteristic of the creep-
ing flow regime which is observed in channels
having complex flow paths such as flow through
porous media.
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FIGURE 3 Effective flow path.

The friction factor in porous media for Re — 0
has been derived by Carman (1956) using the
Darcy flow model for a circular duct. The
expression for the friction factor is usually
presented in terms of an equivalent particle
diameter. Since the turbulator strip is a continuous
matrix, it is more appropriate to use a form which
includes the hydraulic diameter of the channel
rather than the equivalent spherical particle
diameter. The analysis begins with

Ap 16uw,
T =k 7 (14)
where k, is called the Kozeny constant (Happel
and Brenner, 1965 and Churchill, 1988) for the
packed or porous channel, L, is the tortuous
length of the channel and w; is the tortuous fluid
velocity. The Kozeny constant has a value k,=2
for circular capillaries and k,=3 for a slit. For
other shapes it typically takes a value somewhere
between 1.5 and 3. A value of k,~2.5 is found
experimentally for various non-circular capillaries,
Carman (1956). Coincidentally, it is the average
value of the slit and circular capillaries. Carman
(1956) proceeded to introduce the tortuosity, L,./L,
and the tortuous velocity, w, = W(L,./L), to arrive
at

Ap  16uw (L,
2=k (7) (13)

Now rewriting Eq. (15) in terms of the actual
length of the channel or column gives:

Ap , 16pw (L.\?
7~k 4z (L) (16)

The product of k, and (L./L)* has been found
experimentally to vary between 4 and 6 (Carman,
1956) and theoretical values for cylinders and
spheres are reported by Happel and Brenner
(1965) to lie between 4 and 7 for porosities
between 0.1 and 0.9. Carman (1956) chose a value
of k,(L./L)*~5 based upon the experimental data
for flow of gases through a wide range of spherical,
cubical, cylindrical and other non-spherical parti-
cles. This leads to

=40
- Rey,

f (17)
after introducing the definitions of the Fanning
friction factor, the Reynolds number and the
effective value of k,(L./L)*. The primary difference
between the analysis reported above and that
found in the literature (Carman, 1956; Bird et al.,
1962; Churchill, 1988) is the introduction of the
specific surface and porosity concepts to define an
effective particle diameter in place of the hydraulic
diameter. This usually results in a slightly more
complex expression. The result given by Eq. (17) is
generally valid below Re,, < 10. Above this critical
value inertial effects become important.

An estimate for turbulator strips for the group
ko (L./L)* may be made by computing the value
for the effective or tortuous flow length. In the
turbulator strip geometries the fluid must flow
around periodic obstacles of width W and spaced
A/2. A typical flow path shown in Figure 3 may be
assumed to follow the wave form

Fx) = %’- sin (‘?) (18)

Now the effective flow length is the length
of arc followed by Eq. (18). Using Eq. (18), the
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following expression may be derived for the
turbulator strip:

k. (_E) (fo V1+f(x) 2dx) -C, ()

A

Applying Eq. (19) along with the assump-
tion that k,=~2.5 results in values of 3.57 <k,
(L./L)* < 6.42 for the turbulator geometries sum-
marized in Table I. An average value for all ten
turbulators gives k,(L./L)*~4.61, which is in the
range of values typical for many packed beds. The
creeping flow model for the turbulator geometry is
taken to be:

8C,

Jf = Req (20)

= R+ (\/—1 sz) (21)

and E(.) is the complete elliptic integral of the
second kind and b=(Q2xW)/\.

Heat transfer at low Reynolds numbers in
a porous parallel plate channel may be modelled
as slug flow in a parallel channel containing
no porous insert (Nield and Bejan, 1992). The
solution for thermally fully developed flow with

where,

TABLE I Summary of surface characteristics

Device F, Fr ¢ S, d

CPI-1 1.916 0.4783  0.8769 2.225 2.231
CPI-2 1.921 04190  0.8769 2.225 2.484
CPI-3 2.383 0.5804  0.8953 1.815 1.822
CPI-4 2.080 0.5194  0.8869 1.731 2.068
CPI-5 2.417 0.5863  0.8869 1.850 1.780
SQ-1 2.049 0.6319  0.9167 3.223 2.729
SQ-2 1.984 0.6223  0.9089 3.111 2.556
SQ-3 1.899 0.6096  0.8963 2.968 2.312
SQ-4 2.457 0.5931 0.9091 2.361 2.067
SQ-5 2.441 0.5904  0.9091 2.361 2.081

isothermal boundary condition is
Nuy = 4.93 (22)

where H is the channel height or wall to wall
spacing. The slug flow model is applicable since
the macroscopic velocity distribution in a porous
channel is approximately uniform at every point in
the cross-section and along the flow length. In the
low Reynolds region the Colburn j factor will take
the form:

493 (4,
Jo = Rey,Pr/3 (ﬁ) 23)

Laminar Region

At larger Reynolds numbers, boundary layers are
thinner and the results indicate that the friction
factor and Colburn j factor become inversely
proportional to the square root of the Reynolds
number, f,j  1/v/Re. Solutions to the laminar
boundary layer equations with pressure gradient
are reported in all convective heat transfer
references (Burmeister, 1993; Bejan, 1995). These
solutions may be used as an indication of the
effects of fin angle, width, and flow orientation.
General expressions for the skin friction and heat
transfer for any fin angle with 0 < 8 <1 are given
below. This range covers the orientation from a
flat plate to plane stagnation or a fin angle from 0°
to 90°.
The friction coefficient is defined as

Crx = 2f"(0)Re; /2 (24)

where f”(0) is the solution to the boundary layer
equations for the velocity gradient at the wall. It
may be accurately approximated by the following
equation (Burmeister, 1993)

(1.2258 + 0.244)3
A /2 —_ B

f'0) = (25)

for the range 0 < S < 1.
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The solution for the local Nusselt number in a
wedge flow may be presented in terms of Eq. (25)
by the following expression given in Cebeci and
Bradshaw (1984) for the range 0 <f8<1 and
Pr>1

_ 2 fon'”? 1/3p,1/2
Nux-l.12{2_ﬁ B Pr'/°Re’ (26)

This expression reduces to

N — {0.339Re,‘/2Pr1/3 Flat Plate
x 0.661Re./2Prl/3  Plane Stagnation

(27)

Average values of the friction and heat transfer
coefficients for one wedge surface are related to the
local values by means of the following expressions
(Bejan, 1995; Burmeister, 1993)

— 2

Cr= Il Crx (28)

Nuy = 2 Nu (29)
L — + 1 X

where m= (/2 - ).

In the turbulator strip geometries, fluid ap-
proaches an inclined or vertical surface, but since
the flow is constrained by the bounding channel
walls, the fluid must flow around the obstruction.
This flow field is neither similar nor dissimilar
to the Falkner-Skan wedge flows, but possesses
characteristics of both the flat plate and plane
stagnation configurations, refer to Figure 4.

A composite value for an inclined surface which
is bounded by two parallel walls is proposed to
take the form:

Nu oy = Nugp cos 2(8) + Nups sin%(0) (30)
and

Ctert = Crppc0s(8) + Cy pssin?(6) (31)

where FP denotes the flat plate component and PS
denotes the plane stagnation component. These
approximate expressions reduce to the flat plate

> i £ <
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FIGURE 4 Three dimensional fiow.

and plane stagnation results as 0 <8< 90°, and
reduce to the arithmetic average at =45°.

Fluid friction on the channel walls may be
modelled as flow over a flat plate. The appropriate
expression for predicting the contribution from the
channel walls is

A\ 12
Jwan = 1.328 (Red,, Z) (32)

Fluid friction on the inclined fin surface is
modelled as a combination of flow over a flat plate
and plane stagnation flow. The solution for plane
stagnation flow must be presented in terms of the
average free stream velocity. Igarashi (1985)
determined the appropriate velocity field from ex-
perimental measurements on the face of rectan-
gular cylinders and plates oriented normal to a
uniform flow field. The local velocity field in the
vicinity of the stagnation point varied according to

wx
Wool(X) = 1'65W (33)
where W is the width of the plate or rectangular
cylinder.
The appropriate expression for predicting the

combined effects of plane stagnation and flat plate
flow is modelled as

f};" = 1,328 (Red,, —d'—o) Cos 2(0)
h
W\ ~1/2
+1.538 (Red,, d—) sin?(d)  (34)
h

where S, is the effective fin length.




250 Y. S. MUZYCHKA AND M. M. YOVANOVICH

As the angle of inclination increases to 8 =90°
the expression above reduces to plane stagnation
flow, and as the angle decreases the expression
tends towards flow over a flat plate. Equation (34)
models the leading side of the inclined surface. In
the region to the rear, the flow is treated as a
separated flow similar to flow past a bluff surface,
and it is assumed that the wall shear is equal to
Z€ero.

Substituting the laminar boundary layer con-
tributions into Eq. (11) with K.g=0 and Cp=0
gives:

-1/2
o= {18k 3) ()

—-1/2
+2{138 Redhﬁ cos?(6)
2 dy

W\~ /2
+1.538 (Redh d—) sinz(e)}Ff
h
(35)

Heat transfer on the channel walls may be
modelled as flow over a flat plate. The appropriate
expression for predicting the contribution from the
channel walls is

A -1/2
jwall = 0.664 (Red,‘ Fh) (36)

Heat transfer on the inclined fin surface is
modelled as a combination of flow over a flat
plate and plane stagnation flow. Once again the
plane stagnation flow solution must be converted
to a form containing the average free stream
velocity. Using Eq. (33), the appropriate expres-
sion for predicting the contribution of the fin
surface is

25,\ ~/?
j= 0.664(Re4,, 71—”—) cos 2(6)
h
w\ ~1/2
+0.849<Red,, d—) sin?(8) »  (37)
h

where S, is the effective fin length.

As the angle of inclination increases to 6 =90°
the expression above reduces to plane stagnation
flow, and as the angle decreases the expression
tends towards flow over a flat plate. The above
expression models only the leading surface of the
fin. In the region to the rear, the flow is treated as a
separated flow similar to that in the wake of a bluff
body. This flow regime has been modelled
analytically as a special case of the Falkner-Skan
wedge flows (White, 1991) and has also been
examined experimentally (Igarashi et al., 1975).
An experimental relation which is valid in the rear
of inclined flat plates for 6> 10°, rectangular
cylinders and semi-circular cylinders was obtained
by Igarashi et al. (1975) and is given by

Nuy = 0.191Re2*Pr'/? (38)

where H is the profile height and X is the chord
length of the surface in cross-flow. In the present
application, the flow in the wake region of the
turbulator strip is such, that the chord length and
profile height correspond to the width of the
obstruction.

The combined effect of the leading and rear
faces is simply the arithmetic mean given by

-1/2
Jfins = ! 0.664( Rey, 5 cos 2(6)
2 dp

w\ ~1/2
+0.849 <Red,, d—) sin2(6)
h

w13
+0.191 (Red,, d—) } (39)
h

The complete laminar boundary layer model is
now given by the following expression:

A1
jlam = 0.664 <R8dh d_h) (I‘T)
w

1 25,\7\?
+ 5 {0664 (Red,l 7}1') COoS (0)

W -1/2
+0.849 (Redh d—) sin2(6)
h

w173
+0.191 (Red,, d—) F; (40)
h
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Turbulent Region

At higher Reynolds numbers the flow becomes
highly mixed and although laminar boundary
layers may still be formed on the fin surfaces, the
flow behaves in a turbulent like manner. Two
important solutions which may be used to model
the flow characteristics are the friction coefficient
for a turbulent boundary layer on a smooth flat
surface

C; = 0.074Re; (41)
and the Nusselt number
j = 0.037Re; '/ (42)

The above expressions are derived using the 1/7
power law rule for the turbulent velocity distribu-
tion. Details of the derivation of these semi-
empirical solutions are available in most advanced
fluid mechanics and heat transfer texts e.g.
Schlichting (1979) and Knudsen and Katz (1958).

At higher Reynolds numbers the flow behaves
like a turbulent flow with inertial forces being
dominant. The contribution of the channel walls
to the friction factor may be computed from the
following expression presented earlier:

N\ -1/
£=0074 (Red,, -) (43)
dy

On the fin surface, only the form drag and loss
coefficients are important. Previous studies by
Kays and Crawford (1993) and Joshi and Webb
(1987) have suggested that the form drag com-
ponent in an offset strip fin array may be
modelled using the potential flow solution for
flow normal to a flat plate. The solution which
is reported by both Lamb (1932) and Milne-
Thompson (1968) is

27
+4

= ~ U. 4
Co=— 0.88 (44)

If the fluid flows past an inclined plate the drag
coefficient based upon the chord length of the plate

as reported by Lamb (1932) and Milne-Thompson
(1968) is

_ 2wsin?(6)

Co " w4 4sin(6)

(45)

Experimental values of the drag coefficient for
two dimensional flow normal to flat plates and
rectangular cylinders are typically in the range
089<Cp<24 (Knudsen and Katz, 1958;
Blevins, 1984). Experimental results for flow past
an inclined plate are also reported in Knudsen and
Katz (1958) and Blevins (1984) and vary from
0.2 < Cp< 1.2 for 20° < @ <90°. Flow past a fin
surface within the turbulator geometries is
primarily two dimensional since the flow is bound
by the channel walls. The effect of fin angle has a
considerable effect on the drag coefficient, since
part of the flow is over the obstruction and part of
the flow is around the obstruction. The following
expression is proposed for modelling the drag
coeflicient

Cp =~ 2.4f(6) (46)
where
_ (m+4)sin*(6)
1) = “rrasmn(d) (47)

Equation (47) was obtained by considering the
effect of the inclination on the potential flow
solution, ie., Eq. (45) divided by Eq. (44) multi-
plied by the experimental value for the drag
coefficient of a thin rectangular plate oriented
normal to the flow Cp(90°) =~ 2.4.

Finally, as the fluid flows through a turbulator
strip it constantly encounters flow contractions
and expansions as a result of the alternating rows
which are out of phase with each other, refer
to Figure 3. The loss coefficients for a sudden
contraction and a sudden expansion which the
fluid experiences as it passes between the turbu-
lator blades may be computed from the classic
expressions reported in most fluid texts, e.g.,
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White (1987). The following expressions:
Ksc ~0.42(1 - %) (48)
and
Kse = (1 - o2)’ (49)

are used to model the pressure drop which is a
result of the sudden contraction and expansion
within the turbulator geometry, where K = Ap/
(1/2p%?) and 0= A;/A, < 1 is the area or blockage
ratio. In most typical turbulator applications, the
turbulator is composed of alternating rows which
have the same width, i.e., 3=0.5. Thus, the total
contribution of the expansion and contraction
losses is found to be

K ~ 0.878 (50)

This value is also in agreement with values
computed from graphical results reported in Kays
and London (1984) for loss coefficients of tube
bundles and parallel plate channels for various
flow conditions.

Substituting the expressions for the form drag,
Eq. (46), and effective loss coefficient, Eq. (50),
derived earlier into Eq. (11), along with the
turbulent skin friction component on the channel
wall leads to

MW\
fiur = 0.074 (Redh Fh) (F_w)

T in2 .
+ (1.2%‘1@51) +0.878sin (9)) F;
(51)

The ratio of Agont/Afins =8in(0)/2 and Agrag/
Agns = 1/2, where the surface area of a single fin is
taken to be A, =2HW/sin(f) and Agr.g=HW/
sin(f), recalling that the potential flow solution
for the drag coefficient for an inclined lamina,
Eq. (45), is based upon the chord length rather
than the profile height. This expression was found
to be in good agreement with the trends observed

in the experimental data for both small angles of
inclination and nearly vertical obstructions.

At higher Reynolds numbers it is assumed that
the region between fins is fully occupied by a pair
of symmetric recirculation bubbles. The average
value of the heat transfer coefficient for both the
fin surface and the channel walls is taken to be

w —1/3
Jeur = 0.191 (Red,, 2;) (52)

Equation (52) has the same order of magnitude
and Reynolds number exponent as the expression
obtained from the numerical results of Patankar
et al. (1977), Eq. (2).

Transition Region Model

The creeping flow, laminar boundary layer, and
turbulent region models are plotted in Figure 5
along with experimental data for a typical
turbulator geometry. These asymptotic relations
may now be combined in the form of Eqs. (6) and
(7) to develop models which are valid over the
entire range of Reynolds numbers. The correlation
parameters have been found to be m~1 and nx
6/7 in Eq. (6), while in Eq. (7), p~9/2 and ¢~ 7/5
for turbulators with a straight profile, i.e., square
or trapezoidal, and g=5 for turbulators with
a curved profile, i.e., sinusoidal or rounded.

Turbulator strips which have a curved profile
allow the flow to become more three dimensional
as compared to those having a straight profile
which tend to make the flow more two dimen-
sional. As a result, the heat transfer coefficients are
higher for the straight profiles, thus the correlation
parameter for the laminar and turbulent regions
must be smaller for the straight profiles and larger
for the curved profiles when interpolating in the
transition region.

Examination of the models reveals that the
important parameters affecting the flow are the
wave length of the convolutions A, the surface area
enhancement factor F,,, fin area factor Fj, fin width
W, fin angle § =tan~'(2H/)) as a function of the
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channel spacing H, and the hydraulic diameter of
the enhanced channel d;,. The fin thickness ¢ is
generally much smaller than the other character-
istic dimensions and is not explicitly modelled as it
contributes less than 5 percent of the total surface
area. The effects of fin edge surface area are
however, included through the scale factors F,
and F; The hydraulic diameter of the channel
is defined as dy,=4Vgee/Awer- In terms of the
geometrical parameters

_ 4(AHW)¢
d = 8S,W + 2AW + 85,¢ (53)
where,
45,

is the porosity.

COMPARISON OF MODELS
WITH DATA

Experimental Program

Experimental data for ten turbulator config-
urations were obtained by Muzychka (1999).
The experimental apparatus consisted of an a shell

and tube type heat exchanger. The aluminum test
section contained four 11 inch by 1 inch turbulator
strips. The important characteristics of these
devices are reported in Table I. Details of the
particular dimensions of the turbulator strips
examined cannot be given due to proprietary
issues. However, the nominal range for the
particular dimensions are: 4mm < A < 12mm,
20°<68<90°, Imm< W<2mm, and 2mm<
H < 3.5mm. The test fixture was operated in a
counterflow arrangement using automatic trans-
mission oil as a test fluid and a 50 percent water 50
percent glycol solution as the coolant. Experiments
were conducted at two temperature levels in order
that Prandtl number effects be examined as well as
to provide for a wider Reynolds number range.
The resulting Prandtl numbers were Pr=285 and
Pr=150. Details of the experiments are found in
Muzychka (1999).

Data were obtained for the ten turbulators
summarized in Table I. Results for the f and j
factors are presented in Figures 6a-—6j. Experi-
mental uncertainties were determined using the
root sum square method (Moffat, 1988). The
uncertainties in the Fanning friction factor and
Reynolds number were determined to be 3.2
percent and 1.2 percent, respectively. The uncer-
tainties in the Colburn j factor and Nusselt
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channel spacing H, and the hydraulic diameter of
the enhanced channel d;. The fin thickness ? is
generally much smaller than the other character-
istic dimensions and is not explicitly modelled as it
contributes less than 5 percent of the total surface
area. The effects of fin edge surface area are
however, included through the scale factors F,,
and F. The hydraulic diameter of the channel
is defined as dj=4Viee/Awer- In terms of the
geometrical parameters

— 4(\HW)¢
% = 5. W + 2AW + 85,1 (53)
where,
45,t

is the porosity.

COMPARISON OF MODELS
WITH DATA

Experimental Program

Experimental data for ten turbulator config-
urations were obtained by Muzychka (1999).
The experimental apparatus consisted of an a shell

and tube type heat exchanger. The aluminum test
section contained four 11 inch by 1 inch turbulator
strips. The important characteristics of these
devices are reported in Table 1. Details of the
particular dimensions of the turbulator strips
examined cannot be given due to proprietary
issues. However, the nominal range for the
particular dimensions are: 4mm < A< 12mm,
20°<8<90°, Ilmm< W<2mm, and 2mm <
H < 3.5mm. The test fixture was operated in a
counterflow arrangement using automatic trans-
mission oil as a test fluid and a 50 percent water 50
percent glycol solution as the coolant. Experiments
were conducted at two temperature levels in order
that Prandtl number effects be examined as well as
to provide for a wider Reynolds number range.
The resulting Prandtl numbers were Pr=285 and
Pr=150. Details of the experiments are found in
Muzychka (1999).

Data were obtained for the ten turbulators
summarized in Table 1. Results for the f and j
factors are presented in Figures 6a—6j. Experi-
mental uncertainties were determined using the
root sum square method (Moffat, 1988). The
uncertainties in the Fanning friction factor and
Reynolds number were determined to be 3.2
percent and 1.2 percent, respectively. The uncer-
tainties in the Colburn j factor and Nusselt



f.j

(a)

flj

(b

f,j

(c)

100

10

0.1

0.01

100

10

0.1

0.01

100

10

0.1

0.01

H lll'fl”l T 4 llllll[ LB RA

Present Model

[0 PresentData
CPt#1 Turbuiator

T IIHIII] T
-lIUIl 1 IllllIII IR E T

T TTHH

= ‘ﬁ
I~ Emor Bar +/- 20 % =
I S R S RERVEUON bk i 4 b 31
1 10 100 1000
Re
] 1 lli!l‘l 1) I’FllIiT' T Tlllf"lg
3
3
4 Present Model -
-
[0 Present Data
CPI2 Turbulator =
- Error Bar +/- 20 %
ool bl N N
1 10 100 1000
Re
E T T T TTT0] T T T TITTT] T lvtﬂg
- ———— Present Model =1
" [0  Present Data 7

CPI#3 Turbulator

T IIHII('
i IIIlIlI

T TFTT

T IIHHI

Error Bar +/- 20 %
L ool Lol [N EE N

10 100 1000
Re

-

FIGURE 6 Comparisons of turbulator strip data with model.



100

3 T T T T T T T T T T TTTTH
Present Model 3
O Present Data
10 & CPi¥#4 Turbulator 3
- IE
0.1 -
[~ Error Bar +/- 20 % -~
0.01 ot a e Lol [ N N
(d) 1 10 100 1000
Re
100 T T T TTTIT] T T T T TTTT
o Present Model
i [ Present Data
10 = CPI#5 Turbulator
- 1
0.1 &
=
— ErorBar +-20%
0.01 Cooa vl Lol L4 il
(e) 1 10 100 1000
Re
100 £ T T T T T T T TTTTTH
= f Present Model 3
i [0  Present Data h
10 SQ#1 Turbulator 3
e -
0.1 =
Error Bar +/- 20 % —
0.01 ot ot aaud RN
)] 1 ' . 10 100 1000

Re

FIGURE 6 (Continued).



f’j

@

f,i

(h

f.j

®

100

10

0.1

0.01

0.1

0.01

100

10

01

0.01

I lIllllll 1 IIIIIIII 1 A TTTT

1 iiim

Present Model

]  PresentData
SQ#2 Turbulator

-

11 Hlllll

LILLRALL

3 5
I Ermor Bar +/- 20 % —
ol ool [ RS
1 10 100 1000
Re
E T T T T TTTTT] T TTTTTTH
t ———  Present Model =

T

[  Present Data
- SQ#3 Turbuiator

"E_'

1 1 Illllll

LR

Lt 1ILIl

TT l”"l]

Error Bar +/- 20 % -1
1 sl 1 NN i Lt il

-

Re

T lllll”' T lllIlTT] T T T T1TTT1

t ———  Present Model
[0  Present Data
$Q#4 Turbulator

URELLLL B
lllllla

11 Illllll

S B LI

T 1 TTTTTT[

171 lllllll

Error Bar +/- 20 %
1 et ul el | 1t et

-

Re
FIGURE 6 (Continued).

10 100 1000

10 100 1000



MODELING THE j AND f CHARACTERISTICS

257

100 T T T T T T TTTTE
= 3
- Present Model -]
[0  Present Data 7
10 = SQ¥S Turbuistor 3
- 1& J 3
- 3
- -~
- -
0.1
Ervor Bar +/- 20 %
0.01 Lol R bl

0]

[y

10

100 1000

Re

FIGURE 6 (Continued).

numbers were determined to be 7.3-13.0 percent
and 7.2-129 percent, respectively. The upper
limit in the j and Nu parameters is a result of
smaller temperature differences being recorded for
the lower oil inlet temperature tests.

RESULTS

The proposed models are compared with ten sets
of data for the turbulator configurations which are
reported in Table I. Table II presents a summary
of the optimal value of the correlation parameters

TABLE Il Comparison of models with data using optimal
values of blending parameters

f i

Device m n RMS p q RMS
CPI-1 1 0.99 5.80 30 40 1021
CP1-2 - - -

CPi-3 1 0.85 423 40 50 1342
CPl1-4 1 1.00 3.95 5.0 50 17.69
CP1-5 1 0.87 485 5.0 5.0 . 29.50
SQ-1 1 0.79 3.59 5.0 1.25 1231
SQ-2 1 0.71 2.98 5.0 1.25  7.82
SQ-3 1 0.80 1.49 5.0 175 9.97
SQ-4 1 0.85 2.11 45 50 3592
SQ-5 1 0.81 5.27 5.0 4.0 9.37

for combining the creeping flow, laminar bound-
ary layer and turbulent boundary layer models for
each set of data. The values reported in Table II
minimize the root mean square (RMS) differences
between the model predictions and the experi-
mental data. Excellent correlation is obtained for
the friction factor data for all configurations
tested. Good agreement between the proposed
model and the turbulator data is also achieved for
the Colburn j factor. The correlation parameters
for the CPI-2 device were not tabulated, since
this device is a special case of the CPI—1 device.
The CPI-2 device has the same geometric
configuration as the CPI—1 device except that
every fourth row is replaced by a neutral surface
containing no convolutions.

Table IIl presents the RMS and (min/max)
values of the percent differences for the case where
fixed values of the correlation parameters are used
for all cases. The majority of the friction factor
and Colburn j factor data are predicted within
+ 20 percent. The large RMS difference reported
for the CPI—5 and SQ —4 devices represents an
average value of a biased error. All of the data for
these two devices fall short of the model predic-
tions, however, the model predicts the correct
trends.
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TABLE III Comparison of models with data with fixed values
of blending parameter

f(m=1,n=6/7) j(@=924")
Device RMS  (min/max) RMS (min/max)
CPI-1 8.25 —16.70/7.12 16.27 0.38/26.66
CP1-2 18.12 —37.50/20.08 17.44 —29.28/-17.70
CPI-3 6.57 -270/10.30 13.37 -22.31/-3.38
CPI-4 16.89 —29.98/—-10.16 17.72 —34.98/4.28
CPI-5 594 —6.36/12.27 29.53 -41.18/-10.27
SQ-1 11.50 6.40/18.05 12.06 —25.47/23.20
SQ-2 18.88 14.58/23.97 8.95 —19.90/18.26
SQ-3 9.44 7.00/12.46 17.99 -28.95/—0.40
SQ-4 5.84 2.59/11.25 3590 -52.41/-17.40
SQ-5 10.76  -0.30/17.91 9.38 —21.13/12.97

t g=7/5 for straight profiles, g=S5 for curved or rounded
profiles.

Figures 6a—6j compare the proposed models
with the turbulator data of Muzychka (1999). It
is clear from Figures 6a-—6j that the proposed
model captures the correct physical behavior of
the experimental data. With the exception of two
j data sets, in which the data fall short of the
model, excellent agreement between the proposed
model and experimental data is achieved over the
range of data. Further, validation of the pro-
posed models is required at higher Reynolds
numbers.

SUMMARY AND CONCLUSIONS

Models were developed for predicting the friction
and heat transfer characteristics of the turbulator
strip. This device is utilized in many automotive
heat exchangers. Unfortunately, due the proprie-
tary nature of these devices, performance char-
acteristics are not published and hence models are
not readily available. These new models fulfill the
need for predictive techniques for these thermal
enhancement devices. The proposed models were
developed by combining asymptotic expressions
for three characteristic flow regimes; creeping flow,
laminar boundary layer, and turbulent boundary
layer or completely inertial flow. Model predic-
tions agree within + 20 percent for 92 percent of
friction factor data and 71 percent for Colburn j

factor data for the experimental data obtained for
this work.
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NOMENCLATURE

A area, m>

c heat capacity, J/kgK

C, Kozeny coefficient

Cp drag coefficient

Cr skin friction coefficient, = 7/((1/2) pw?)
d, hydraulic diameter, = 4Vjee /Awer

E(-) complete elliptic integral second kind

friction factor, = 7/((1/2)pw?)
channel or fin height, m

heat transfer coefficient, W/m?K
Colburn factor, = StPr*?
expansion/contraction loss coefficient
effective loss coeflicient

thermal conductivity, W/mK
Kozeny constant, =~ 2.5

gr»fqh\-x-m\
g ¢
'S

L length of channel, m

L. tortuous or effective flow length, m
Ly interrupted fin length, m

m Falkner-Skan wedge parameter
m mass flow rate, kg/s

m, n, p, g correlation parameters

Nuy, Nusselt number, = hd,/k

)4 pressure, Pa

Pr Prandtl number, =v/a

0 heat transfer, W

Rey, Reynolds number, = wd, /v

S, effective fin length, m

t fin thickness, m

T temperature, K

U overall heat transfer coefficient, W/m?K
V volume, m3
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W average velocity, m/s
w fin width, m
X chord length, m

Greek Symbols

o thermal diffusivity, m?/s

8 Falkner-Skan wedge parameter
n efficiency

A wavelength, m

7 dynamic viscosity, Ns/m>

v kinematic viscosity, m?/s

¢ POTOSity, Vfree/ Vtotal

P fluid density, kg/m*

o frontal area ratio, = (Afee/Afront)
T wall shear stress, N/m?2

0 fin angle, rad

Subscripts

cf creeping flow

dy based upon hydraulic diameter
eff effective

f fin

FP flat plate

lam laminar

PS plane stagnation

tur turbulent

w wall

x local value
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